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FOREW

This report, prepared by staff members of Arthur D. Little,
Inc., Acorn Park, Cambridge, Massachusetts, is the final techni-
cal report on a design study to determine the feasibllity of a
rotary-reciprocating thermal compressor for use in spaceborne,
cryogenic refrigeration systems. The work was carried out under
U.S.A.F. Contract F33615-Th=C-3082 (Arthur D. Little, Inc., Case
No. T705€). The contract was in support of Project No. 6146,
Task 6146 03 19, and was made possible by the use of Laboratory
Director's Funds. The work was administered under the direction
of the Air Force Flight Dynamics Laboratory, Vehicle Equipment
Division, with Lt. David C. Brubaker, AFFDL/FEE, as Project
Engineer.

This report covers work from April to August 1974 and was
released by the author in October 1974 for publication as a tech-
nical report.

This technical report has i22n reviewed and is approved.

-

William C. Savage

Chief, Environmental Control Branch
Vehicle Equipment Division

Air Force Flight Dynamics Laboratory
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' ABSTRACT

This report presents the results of a desigr study program on a

;- rotary reciprocating compressor which uses heat as the source of driving

: energy. The abjective of the study program was to determine the feasi-
bility of using a thermal compressor in a spaceborne, cryogenic refrigera-
tion system. The report explains the principles of operation of a thermal
compressor, and presents the equations which describe its behavior. It
also describes a computer program constructed to manipulate these equations.
The results of a number of runs made with this program are discussed, and
the design of a thermal compressor to meet a specific set of performance
requirements is d:scribed. Finally, a comparison is made between two types
| of spaceborne, closed-cycle, cryogenic refrigeration systems--one incorpo-

rating a thermal compressor and the other incorporating an electrically
driven compressor.

It 1s concluded that a thermal compressor 1s a viable alternative to an
electrically driven compressor in refrigeration systems where heat is pre-
] ferred over electricity as the energy source. For the specific case
studied, the refrigeration system incorporating a thermal compressor required
92 watts of electrical power and 1,064 watts of heat at 1,250°F; while the
system incorporating an electric compressor required 587 watts of electri-
cal power. The weights and sizes of the two refrigeration systems were

comparable. No serious technical problems are foreseen in building a
thermal compressor.
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I. INTRODUCTION AND SUMMARY

For a number of years, the Air Force has supported the development
of rotary-reciprocating refrigeration systems. These systems have been
designed to produce refrigeration at cryogenic temperatures in spaceborne
applications where long, maintenance-free life and low input power are
primary system requirements. A complete 77 K refrigeration system has been
developed (see Reference 1) and components of a 3.6 K refrigerator have
been built and tested (see Reference 2). A system which produces refrigera-
tion simultaneously at 12 K and 60 K is presently under development (see
Reference 3). All of these systems utilize the reversed Brayton thermo-
dynamic cycle and employ reciprocating compressors and expansion engines.
In all these systems, all of the input power to the refrigerator has been
in the form of electrical energy--with approximately 80% of this energy
being used to compress the gas in the compressor working volumes, and the
balance being used to rotate pistons, to overcome losses, and to actuate
the expander pistons.

In recent years, the Air Force has become interested in reducing the
electrical power requirements of spaceborne, closed-cycle refrigeration
systems by using heat rather than electrical energy as the major energy
gource for the refrigerator. In a refrigerator which uses the reversed
Brayton cycle, a major reduction in the electrical power requirement can
be accomplished by employing a compressor which uses heat rather than
electricity to supply the work of compression. A heat-driven compressor

of this sort, generally referred to as a thermal compressor, may be used
in place of the electrically driven compressor with relatively minor
changes to other portions of the refrigeration system.

A thermal compressor is a reciprocating machine which consists of two
basic elements: a cylinder assembly and a drive mechanism. The cylinder
assembly consists of a cylinder and a displacer. The displacer separates
the cylinder into two working volumes. These two working volumes are
connected by flow passages which contain heat exchangers and a thermal
regenerator. One end of the cylinder is maintained at an elevated tempera-
ture by the addition of heat, and the other end is maintained at ambient
temperature by rejecting heat to a heat sink. As the displacer is moved
back and forth in the cylinder by the drive mechanism, the pressure in the
cylinder fluctuates. Valving in the ambient temperature working volume
communicates this working volume with inlet and discharge manifolds when
the pressure in the cylinder matches the pressure in the manifolds. All
of these actions result in gas being compressed from inlet pressure to
discharge pressure by the heat that is added to the hot end of the cylinder.
The principles of operation of a thermal compressor are described in more
detail in Section II of this report.

In a rotary-reciprocating thermal compressor, the displacer is actuated
by an electrically-powered drive assembly which is similar to that used in
an electric rotary-reciprocating compressor. The drive assembly comprises
a rotary motor to rotate the displacer, a linear actuator to reciprocate the




displacer, and a gas spring to provide a restoring force to the displacer.

The rotation activates self-acting gas bearings which completely support

the displacer. Gas flows in and out of the compressor are regulated by

ports in the cylinder assembly which are opened and closed by the rotating,
reciprocating action of the displacer. The electrical power required by the
drive assembly is determined prinicpally by the power required to move the
displacer. Since the pressures at both ends of the displacer are approximately
the same, relatively little electrical energy is required to move the displacer.
Thus, the electric input to the compressor is minimal, the major source of

input energy being the heat supplied to the hot end of the cylinder.

In recognition of the potential advantages of a thermal compressor in
reducing electrical input power to spaceborne refrigeration systems, the
Air Force has supported the design study program which is summarized in
this report. The objective of the study program has been to determine the
feasibility of a thermal compressor for a rotary-reciprocating cryogenic
refrigeration system. The study has consisted of analyzing and designing
a thermal compressor to the point where technical feasibility and characteris-
tics could be determined, and then comparing a rotary-reciprocating refri-
gerator incorporating a thermal compressor with a rotary-reciprocating
refrigerator incorporating an electrical compressor--with both systems being
designed to meet a specified set of refrigeration requirements. The refri-
geration requirements, which were specified by the Air Force at the outset
of the study, are listed in Table 1.

TABLE I

REFRIGERATION REQUIREMENTS

Refrigeration Capacity
0.3 Watts at 12 K
3.0 Watts at 28 K
6.0 Watts at 75 K
Heat Rejection Temperature 300 K

The first step in the study program was to determine an appropriate
thermodynamic cycle for a refrigeration system employing a thermal compressor.
This was done to determine the required performance specifications for the
thermal compressor and to identify ranges of cycle parameters that would
lead to practical designs of the compressor. This task was included in
recognition of the fact that the most suitable thermodynamic cycle utilizing
a thermal compressor might have a different pressure ratio and pressure
level than if the cycle incorporated an electrically driven compressor.

The cycle selection process is discussed in Section III of this report, and
the compressor specifications resulting from the cycle selected are listed
in Table II.




TABLE II

SPECIFICATIONS FOR THE THERMAL COMPRESSOR

Process Fluid Helium Gas
Mass Flow Rate 3.66 LB/HR
Inlet Pressure 29.4 LB/IN2
Discharge Pressure 58.8 LB/IN2
Inlet Temperature 300 K

A parametric analysis was conducted in order to design the working
volumes of the thermal compressor and to determine, in a general way,
the characteristics of a thermal compressor. The analysis consisted of
deriving the equations which describe the various elements of the com-
pressor (working volumes, heat exchangers, regenerators, etc.). These
equations were then programmed for a digital computer and a number of
cases were run with the program. The basis for the parametric analysis
and the results of the analysis are presented in Section IV of this
report. A listing of the equations which describe a thermal compressor
is contained in Appendix I and the computer program based on these
equations is described in Appendix II.

Based on the results of the parametric aialysis, we developed the
preliminary design of a thermal compressor to meet the performance speci-
fications which were listed in Table II. This design is summarized in
Table III, and an outline drawing of the machine is shown in Figure 1.

The design of the thermal compressor is discussed in more detail in Section V.

An overall comparison between a rotary-reciprocating refrigerator
employing a thermal compressor and one employing an electric compressor 1is
shown in Table IV. From this table it can be seen that a refrigerator uti-
lizing a thermal compressor is somewhat heavier than a refrigerator incor-
porating an electric compressor. The refrigerator incorporating a thermal
compressor requires 495 watts less electrical power than an electric-driven
refrigerator, but will require 1,064 watts of thermal power at 1,250°F.

The two refrigerators are virtually the same size. A more detailed compari-
son between the two refrigeration systems is contained in Section VI.

We conclude that the thermal compressor is a viable alternative to an
electrically driven compressor in spaceborne, rotary reciprocating, cryogenic
systems, and recommend that thermal compressor refrigerators be considered
along with electric compressor refrigerators in spacecraft system studies.
Further conclusions drawn from the study are contained in Section VII.




TABLE III

SUMMARY OF THERMAL COMPRESSOR DESIGN

Mass Flow 3.66 LB/HR

Inlet Pressure 29.4 LB/IN2 (2 Atmospheres)
Discharge Pressure 58.8 LB/IN2 (4 Atmospheres)
Inlet Temperature 300 K

Number of Stages 2

Number of Cylinders Per Stage 1

Compressor Size . See Figure 1
Compressor Weight 155 1B
Input Power

Thermal (At 1,250°F) 1,064 Watts

Electrical (100 V DC)(I) 72 Watts

(I)The system may also be designed for 28 V DC
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TABLE 1V

COMPARISON OF REFRIGERATOR TYPES

Refrigerator Refrigerator
with Thermal with Electric

Compressor Compressor

WEIGHT
Compressor "Assembly
Expander Assembly
Power Conditioning Equipment

TOTAL

INPUT POWER

Thermal (At 1,250°F) 1,064 Watts s

Electrical (100 V DC) 92 Watts 587 Watts
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II. PRINCIPLES OF OPERATION OF A THERMAL COMPRESSOR

A thermal compressor comprises two basic subelements: a cylinder
which contains a reciprocating displacer, and a drive assembly which im-
parts motion to the displacer. The cylinder consists of a single, fixed
volume which is divided into two working volumes by the displacer (see
Figure 2). One working volume is maintained at a high temperature (typi-
cally approximately 1,000°F) by the addition of heat, and the other working
volume is maintained at ambient temperature by the removal of heat. The
two working volumes communicate with each other through a thermal regen-
erator. The total internal volume of the device includes void volumes
in addition to the two working volumes. The regenerator may be incorpo-
rated either in the displacer (as in Figure 2) or it may be mounted in the
cylinder. Insulation surrounds the hot end of the device, and the design
is such that heat losses from the hot end are minimized. The ambient
working volume, is connected to two manifolds: a suc’ion (inlet) manifold
and a discharge manifold. The connection is through valving or through
porting, and is indicated schematically in Figure 2 by check valves.

As the displacer moves back and forth, the working volumes undergo
pressure-volume events characteristic of reciprocating compressors and
expansion engines. The resulting idealized pressure-volume (P-V) diagrams
are shown in Figure 2. The P-V diagram of the hot working volume is char-
acteristic of an isothermal expansion engine, with the work output per
cycle being equal to the heat added per cycle. This work is delivered to
the displacer, and thence to the gas in the ambient working volume. The
ambient working volume has a P-V diagram characteristic of an isothermal
compressor. In this P-V diagram, the work input to the gas per cycle is
equal to the heat rejected from the cylinder each cycle. Since the
expander work and the compressor work are equal to each other, the heat
rejection at the ambient end is equal to the heat added at the hot end.

Gas 1s taken from the inlet manifold into the compressor during the
process, b-c, and this gas 1s delivered to the higher pressure discharge ]
manifold during the process, d-a. In the idealized case (no pressure drop
and no friction) no mechanical work is required to move the displacer since
the pressure is the same at each end of the displacer. Therefore, the only
form of input energy is the heat added to the hot end of the device. Thus,
the compressor utilizes heat to compress gas from suction pressure to dis-
charge pressure. It is, in effect, a heat engine (operating between the
hot temperature and the ambient temperature) driving an isothermal compressor
operating at the ambient temperature.

In a practical device, there are pressure drop losses. The drive
assembly must supply work to the displacer to overcome these losses. As
will be seen in a following section, the presence of the drive shaft which
connects the ambient end of the displacer to the drive assembly slightly re-
duces the amount of work delivered to the compressor working volume from
the expander working volume, since the areas of the two working volumes

g R
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are different. This results in the expander working volume delivering
some work to the displacer assembly, and thus reduces the amount of work
which must be provided by the drive assembly.

In a rotary-reciprocating thermal compressor, the drive assembly
rotates the displacer as well as reciprocating it. The rotation activates
self-acting gas bearings which support the displacer. Further, ports in
the drive shaft are opened and closed by the displacer motion, to control
gas flows into and out of the ambient working volume.

The thermal compressor is not a new idea, nor does it require develop-
ment of new technology. A thermal compressor was patented by Bush in
1939 (Reference 4). In recent years, the National Institutes of Health
have sponsored several developments of miniature thermal compressors for
use as a component in a completely implantable artificial heart system
(Reference 5, 6, and 7). Technology directly applicable to thermal compres-
sors have been sponsored by the U.S. Air Force and NASA in the form of
development of Vuilleumier (VM) cycle refrigerators (the hot end of the
VM refrigerator is, in effect, a thermal compressor which supplies compressed
gas to the cold and of the refrigerator). Additionally, the technology
associated with Stirling cycle engines is also applicable to the thermal
compressor. Thus, there is a technology base on which to draw for the
development of a rotary reciprocating thermal compressor.




III. THERMODYNAMIC CYCLE ANALYSIS

The thermodynamic cycle analysis has been performed by using an
existing rotary reciprocating computer program to analyze a number of
reversed Brayton cycles (see Reference 8). The object of the analysis
has been to select a thermodynamic cycle for a refrigerator incorporating
a thermal compressor, and to set the performance of specifications for
the compressor.

Our approach to the cycle selection has been to use the system
analysis computer program to determine the characteristics of an electri-
cally driven refrigerator as a function of various cycle parameters. For .
. purposes of sizing a thermal compressor, we have selected the cycle which
has the "best" combination of:

1. Low input power to the electrically driven compressor

2. Low system weight for an electrically driven compressor

3. Reasonable pressure ratio for the thermal compressor

4. Reasonable expander assembly design

The basis for using the results of cycle analysis on the electrically
driven compressor for selecting a cycle for the thermal compressor is that
the trend of input power to the thermal compressor will follow the trend
of input power to the electrically driven compressor. Thus, the cycle
which results in minimum power for the electrically driven compressor will
also result in minimum input power to the thermal compressor. Since re-

frigerator weight is a direct function of input power, this selection process
will also result in a refrigerator of minimum weight.

In the cycle analysis, most cycle parameters can be considered to be
constant, with only a few carried as variables. The fact that there are
three heat loads dictates a three expander cycle incorporating five process
heat exchangers. The following values have been used to describe the ex-
panders and heat exchangers:

Efficiency of Expander No. 1 80%
Efficiency of Expander No. 2 75%
Efficiency of Expander No. 3 70%

Heat exchanger efi.ectiveness 982 (all exchangers)

Heat exchanger pressure loss
coefficient .01 (all exchangers)

| .
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These values are representative of values obtainable in practice.
There are only two variables in addition to those mentioned above
required in order to completely specify the thermodynamic cycle. They
are the two pressure levels in the cycle. A number of cases have hren
run, considering the two presuure levels as variables. The cases which
have been run are within the following range:

Low side pressure .5 to 4 atmospheres

Pressure ratio(l) 1.5 to 4

A refrigerator design could not be obtained for pressure ratios less than
2.0 because the work extraction capability of the expanders was not suf-
ficient to offset the parasitic heat loads. As a result, the cycle selec-
tion is based on pressure ratios between 2 and 4.

The refrigerator characteristics of primary interest to the cycle
selection process are the refrigerator input power and the refrigerator
weight. These two characteristics are pleited in Figures 3 and 4 as a
function of cycle pressure ratio and cycle low side pressure. It should
be noted that the weights shown in Figure 4 are lower than may actually
be achievable in practice, but the trends are correct.

Based on these curves, we draw the following conclusions:

1. The minimum input power is obtained at a cycle pressure
ratio of 2.5.

2, The pressure ratio at which the minimum input power is
obtained is relatively insensitive to the low side pressure
(i.e., the cycle pressure level).

3. The refrigerator weight decreases with increasing cycle
pressure level and with increasing cycle pressure ratio.

Note on Figure 3 that the vertical axis is compressor shaft power.

This 1s the shaft power that would have to be supplied to an elec-
trically driven compressor which has an isentropic efficiency of 84%.

This power figure takes into account inefficiencies in the compression

processes, but not losses (e.g., in the gas springs, linear actuators,
power supplies, etc.), or power to drive the rotary motors.

Based solely on these conclusions, we would select a thermodynamic
cycle with a pressure ratio of 2.5 (to minimize input power) and a low

(1) = high side (discharge) pressure

Pressure Ratio low side (suction) pressure
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side pressure level of 3-4 atmospheres (to minimize the weight of the
refrigerator). However, the practical aspects of refrigerator design must
also be considered in selecting a thermodynamic cycle. The low temperature
(12 K) expansion engine has a very low capacity, and will have a small diameter
piston in any event. This engine can be made larger if we reduce the pres-
sure ratio and pressure level of the cycle. Since a pressure ratio of 20
and a low side pressure of 2 atmospheres results in a reasonably sized
(1.e., .5 inch diameter piston) low temperature expansion engine, these
parameters were selected for the thermodynamic cycle. The penalties of
selecting this cycle are not severe. In reducing the pressure ratio to

2 from the optimum pressure ratio of 2.5, we increase the compressor

shaft power only slightly (see Figure 3). Additionally, we <o not change
the size of the displacer in the thermal compressor, since the increase

in gas flow rate required by the-lower pressure ratio cycle is offset by
the increase in volumetric efficiency of the compressor at the lowe:
pressure ratio (see Section IV, B).

Selection of a three expander cycle is an obvious choice from a
thermodynamic standpoint because work is extracted from the gas at tempera-
tures very near those at which the heat loads are absorbed. An alternative
to the three expander cycle is a two expander cycle in which the second
stage engine absorbs both the lower temperature heat loads at 12 K. The
rationale for considering a cycle of lower thermal efficiency is, first of
all, that two expanders rather than three would be required, and secondly
that the second stage engine would be larger (the bore would be about 0.75
inch) and therefore more easily designed.

We analyzed a two expander cycle with pressure ratios between 1.5 and
4.0 and with low side pressures between 0.5 atmospheres and 4.0 atmospheres.
Qualitatively, the results were the same as in the three expander cycle,
viz., the minimum input power is obtained at a pressure ratio of 2.5 and
is relatively insensitive to low side pressure. However the compressor
shaft power for the two cycle types were vastly different--the input power
for a refrigerator utilizing the two expander cycle being over three times
that for a refrigerator utilizing the three expander cycle. With a com-
pressor efficiency of 84%, the two expander cycle compressor would require
929 watts of input power compared to 307 watts for a three expander cycle
compressor. This increase in input power far outweighs any advantages
which might be gained in the mechanical design of the two expander refri-
gerator. Consequently, the two expander cycle was not considered further.

The thermodynamic cycle selected for the thermal compressor refrigerator
is shown in Figure 5. The thermal compressor discussed in following sections
has been designed to meet the requirements of this cycle.
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IV. PARAMETRIC ANALYSIS OF THERMODYNAMIC PROCESSES

A. GENERAL

This section discusses the parametric analysis of the thermodynamic
processes which occur in a thermal compressor, and also presents the
results of the analysis and the conclusions drawn from it. We present
a physical description of the analytical model used to define the ther-
mal compressor, and the assumptions upon which the model is based. 1In
the course of the analysis, we derived a number of equations which des-
cribe the thermodynamic processes occurring in the compressor and which
are used in arriving at a design and determining its characteristics.
These equations are listed and discussed in Appendix I. Since a large
number of equations is required to define a thermal compressor, and
since there are a number of independent variables to consider in the
design optimization process, we constructed a digital computer program
to manipulate the equations. This program is covered briefly in this
section, and is described in detail in Appendix II. All terminolcgy
used in this section, as well as in Appendices I and II is defined in
the 1list of abbreviations and symbols. The computer program was used
extensively in the course of designing a thermal compressor to meet the
performance specifications which resulted from the thermodynamic cycle
analysis. The final part of this section presents the results of these
computer runs, and the conclusions drawn from the results. The section
concludes with a description of a baseline design point to which the
thermal compressor was designed.

B. ANALYTICAL MODEL

1. Operatiqg:Charicteristics

This analysis 1is concerned with the processes occurring in the
hot and ambient ends of the cylinder, in the regenerator, in the hot
and ambient heat exchangers and in void volumes. It is also concerned
with how these processes interact to determine the pressure ratio/flow
performance characteristics and the power input requirements to the
cylinder and the displacer.

It is convenient to subdivide the cyclic operation of the compres-
sor into four regimes: re-expansion, suction, compression, and dis-
charge. The positions of the displacer at the four points corresponding
to the transition from one regime to the next are shown in Figure 6. A
diagram of the pressures in the hot and ambient ends versus stroke, on
which the four -positions are indicated as a, b, . and d, is shown in
Figure 7. At Position a, most of the gas in the cylinder is at the hot
end. During the re-expansion process from a to b, both the inlet and
discharge ports in the ambient end are closed, isolating the cylinder
from the suction and discharge reservoirs. The displacer moves toward
the hot end, displacing gas from there to the ambient end and causing
the pressure in the cylinder to decrease from the discharge pressure
level to the suction pressure level. At Point b, when the suction
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pressure is reached, the suction port opens, admitting gas to the
cylinder from the suction line. Movement of the displacer continues
from b to c until the displacer reaches its extreme position near the
hot end, at which time the suction stroke is complete. In the compres-
sion process, from ¢ to d, again both the suction and discharge ports
are closed, and gas is displaced from the ambient end to the hot end,
causing the pressure in the cylinder to rise. At Point d the discharge
pressure level is reached, the discharge port opens and flow from the
ambient end of the cylinder through the discharge line begins. During
the discharge process, d to a, the pressure level in the cylinder is
maintained constant by the combination of mass discharge from the
ambient end and gas displacement from the ambient end to the hot end.

The pressures in both the hot and ambient ends are shown in Fig-
ure 7. The pressure difference between them is caused by pressure drop
in the regenerator and in the ambient and hot heat exchangers. Its
direction is determined by the direction of flow through the regenera-
tor. From Figure 7, one can see that the pressure versus stroke diagram
of the ambient end is similar to that of a compressor, while the diagram
of the hot end resembles that of an expander.

Volume definitions and sign conventions used in the analysis are
shown in Figure 8. The displacement volumes at the hot and ambient ends
are somewhat different because of the shaft connected to the ambient end
of the displacer. The void volumes indicated in Figure 8 (i.e., V2V,
V3V, and V4V) are comprised of the various elements summarized in
Table V.

2, Cylinder Processes

In analyzing the processes occurring in the cylinder, we have made
the following assumptions:

a. Isothermal conditions exist in the gas in the hot and
ambient ends.

b. Inlet and discharge porting pressure drops are negligible
near the ends of the displacer stroke.

c. Temperature of gas in void volumes will be either TH, TC
or an intermediate temperature equal to the log mean
temperature.
d. The displacer motion is sinusoidal.
e. The working fluid is a perfect gas.
Assumption 1 is usually made in analyses of this class of device,
i.e., in Vuilleumier cycle and Stirling cycle analyses. During the con-

stant pressure suction and discharge processes, the temperature of the
gas in the hot and ambient ends should, in fact, be isothermal. During
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TABLE V

VOID VOLUME SUMMARY

HOT END (V3V)

Fluid Passage, Cylinder to Hot Heat Exchanger
Hot Heat Exchanger

Cylinder End Clearance

AMBIENT END (V2V)

Fluid Passage, Cylinder to Ambient Heat Exchanger

Ambient Heat Exchanger
Cylinder End Clearance

Inlet/Discharge Porting Passages

INTERMEDIATE (V4V)

Regenerator

Displacer/Cylinder Radial Clearance




the re-expansion process, there is a tendency for the gas in the
cylinder to cool; and during the compression process, there is a ten-
dency for the gas to warm up. Maintaining isothermal conditions during
the latter two processes will rely on adequ:te heat transfer to and
from the cylinder walls. Such heat transfe' will be augmentad by cir-
culations in the gas induced by rotation of the piston. For devices in
the size range of our interest and at the low operating speeds that are

appropriate for a thermal compressor, we believe that Assumption 1 is a
reasonable approximation.

Assumption 2 is based on the fact that, with sinusoidal displacer
motion, the flow rate into the cylinder as Point ¢ is approached, and
out of the cylinder as Point a is approached, goes to zero. Hence,
porting pressure drop should be negligible at the ends of the stroke.
Experience with the electric-driven rotary-reciprocating compressor,
including measurements of pressure-volume diagrams, has indicated that
this assumption is valid.

Assumptions 3 and 5 are good approximations and are self-explanatory.
Assumption 4 1s also an excellent approximation since the oscillating
displacer mass experiences only a small damping force due to the pres-
sure difference between the hot and ambient ends.

There is a pressure difference between hot and ambient ends which
is caused by pressure drop through the regenerator and the heat ex-
changers. It determines the necessary electric power input to maintain
motion of the displacer. Our approach has been to calculate the pres-
sure difference between hot and ambient ends as a function of the dis-
placer position and to integrate the resulting force times differential
displacement throughout a cycle to obtain the displacer power input.

Using the assumptions above, it is possible to determine the
relationships between cylinder pressure and the mass of gas in each of
the volumes as a function of displacer position. These relationships
lead to definition of cylinder size, power input and other important
parameters required to achieve given flow rate and suction and discharge

pressures. The equations used to describe these processes are presented
in Appendix I, Se:tion A.

A basic characteristic of thermal compressors that emerges from our
analysis is the relationship between volumetric efficiency and pressure
ratio. This relationships is shown in Figure 9. For a given pressure
ratio and flow rate, the volumetric efficiency determines cylinder size.
Hence, this relationship is important in sizing the device. Figure 9
shows that there is a direct trade-off between volumetric efficiency and
pressure ratio. The ambient end pressure-volume diagrams for the two
extreme cases (one in which the volumetric efficiency is a maximum and
the pressure ratio is unity, and the other in which the pressure ratio
is maximum and the volumetric efficiency is zero), are shown in Fig-
ure 10. Maximum volumetric efficiency is achieved when the gas is not
compressed, i.e., when the ratio of discharge pressure to suction

23

=

R

e

i —— . e e el




Volumetric Efficiency

&9

PD A2
Pressure Ratio = 'Fs- ] A3 +RVF

ﬁ_-'- + RVF

FIGURE® FLOW/PRESSURE RATIO CHARACTERISTIC
FOR ONE STAGE OF COMPRESSION




Nominal Design: a-b-c-d-a
Maximum Pressure Ratio, NV—0: a,-b,-c-d,-a,
Maximum NV, Pressure Ratio-+0: '2'b2‘°'d2"2

FIGURE 10 AMBIENT END PRESSURE-VOLUME DIAGRAMS FOR A RANGE OF DESIGNS




pressure is one. In this case a large portion of the gas entering the
cylinder during the suction stroke is forced out of the cylinder during
the discharge stroke at slightly above suction pressure. Maximum pres-
sure ratio is achieved when there is no through-flow, i.e., when the
volumetric efficiency is zero. In this case the gas in the cylinder
simply shuttles back and forth between the hot and ambient ends.
Neither of these extremes are useful in our application. Hence, one of
the major design choices is to select a pressure ratio per cylinder
that yields a reasonable volumetric efficiency and cylinder size.

In Figure 9, the vertical and horizontal intercepts are determined
from Equation A5 in Appendix I. For the hot end temperature of 1200°F
and an ambient temperature of 80°F, representative values of these two
intercepts are a vertical intercept (i.e., the maximum volumetric
efficiency) of 60%, and a horizontal intercept (i.e., the maximum pres-
sure ratio) of 2.0. A practical design point will lie in the mid-range
of these values, i.e., a volumetric efficiency of 25 to 352 and a pres-
sure ratio of 1.4 to 1.6.

3. Regenerator

We have considered three types of matrices for the regenerator:
packed spheres, stacked screens, and cylindrical tube bundles. The heat
transfer and pressure drop characteristics of these matrices are repre-
sented by the usual correlations of friction factor and Colburn factor
versus Reynolds number. We have based the tnermal performance of the
regenerator on the mean flow rate through it during a cycle, as is
commonly done in the analysis of similar devices. However, we have
calculated the pressure drop as a function of displacer position to
obtain a more complete picture of how the pressure force on the dis-
placer varies throughout the cycle. The equations describing the re-
generator are presented in Appendix I, Section B.

4. Heat Exchangers

We have considered two types of hot and ambient heat exchanger con-
figurationg——annu]_ar and multipassage, as shown in Figure 11. The annular
configuration is simply a thin annular passage, while the multipassage
configuration consists of a number of small tubes, with either square
or circular cross section, in parallel. The thermal/fluid processes in
the heat exchanger are analyzed in a manner similar to the regenerator,
i.e., thermal performance is based on the mean flow rate, but pressure
drop is calculated as a function of the position of the displacer.

The Reynolds number and the length-to-hydraulic diameter ratio for
these exchangers are such that we can assume that fully developed lami-
nar flow will exist throughout most of the stroke.

It is worth noting that the heat transferred in the hot and ambient
heat exchangers is much less than the heat transferred in the regenera-
tor. Hence, the design of these exchangers, though important, is not
nearly as critical as that of the regenerator. The relative amount of
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heat transferred in the heat exchangers and in the regenerator may be
seen in Figure 12, which is a diagramatic representation of the energy
flows in the compressor. The vertical (temperature) axis on this figure
is approximately to scale, so vertical distances are approximately pro-
portional to heat transferred. From this figure, one can see that the
heat transferred in the regenerator is approximately five times that
transferred in the ambient heat exchanger and the hct heat exchanger.

The equations used in analyzing the heat exchangers are presented
in Appendix I, Section C.

5. Displacer Power Input

The pressure difference between the hot and ambient ends acting on
the area A2, constitutes a force that is always opposite in direction to
the velocity of the displacer. Hen.e, this is a damping force which
removes energy from the displacer. The pressure in the hot end acting on
the projected shaft cross section area (A3 - A2) constitutes a force
that, when integrated around the cycle, provides an energy input to the
displacer. The difference between these two energy values determines the
net power input which is required to sustain motion of the displacer. A
net power input to the displacer is required for most practical designs.
However, in extreme cases, in which either the pressure drop through the
regenerator is unusually small, or the area (A3 - A2) is large, it is
possible to obtain a net power output from the displacer.

The equations used to determine the displacer power input are pre-
sented in Appendix I, Section F.

6. Hot End Power Input

The ideal heat input to a thermal compressor is the same as the
heat supplied to a reversible engine which is driving an isothermal com-
pressor. In principle, then, the thermal compressor is a reversible
device. 1In practice, however, a number of thermal loss mechanisms pre~
vent a close approach to ideal performance. These losses are:

a. The regenerator loss associated with enthalpy flux from
the hot end to the ambient end.

b. Shuttle heat transfer

c. Displacer/cylinder clearance pumping loss
d. Conduction through the displacer

e. Conduction through cylinder walls

f. Conduction through the regenerator shell(s)

- 8+ Conduction through the regenerator matrix
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h. Conduction through insulation surrounding the hot end.

The equations used to evaluate these elements of the power input
are presented in Appendix I, Section E.

c. COMPUTER PROGRAM

Approximately 90 equations are required to define the thermo-
dynamic processes which occur in a thermal compressor, and to design the
cylinder assembly. Further, 41 input variables must be specified in
order to perform the calculations. In order to expedite calculations
and in order to be able to examine the effect of varying a number of the
more important variables, the governing equations were programmed for a
digital computer. The program performs a straight line computation;
starting with the specified input parameters, it solves all the equations
in sequence and prints out the computational results. Since there is no
optimization performed by the program, optimization of a machine con-
sists of varying input parameters over a range, examining the results,
and selecting a design which satisfies an optimization criterion such as
minimum thermal power, minimum electrical power, etc. The computer pro-
gram is described in detail in Appendix II, and the results of a number
of runs performed with it are described in the following paragraphs.

D. RESULTS

1. Selection of the Number of Cylinders

The computational effort in the parametric analysis was directed
specifically toward designing a thermal compressor to meet a specified
set of performance requirements--those determined in the thermodynamic
cycle analysis. The first step in this process was to select the number
of cylinders for the compressor. This involved, first, selecting the
number of stages of compression and then selecting the number of cylin-
ders for each stage.

In determining the number of stages of compression, one must con-
sider the flow/pressure ratio characteristic for a single stage of a
thermal compressor. Figure 9 showed a plot of volumetric efficiency
versus pressure ratio. On this plot, a representative value for the
vertical intercept (i.e., the maximum volumetric efficiency) is 60%,
and a representative value of the horizontal intercept (i.e., the maxi-
mum pressure ratio) is 2.0. A practical design point must, of course,
lie between these extremes. Since the overall compression ratio for the
compressor is 2.0, it is impractical to use a single stage machine. If
two stages were used, each stage would have a compression ratio of 1.41
(the square root of 2); and if three stages were used, each stage would
have a compresison ratio of 1.26 (the cube root of 2). The correspon-
ding volumetric efficiencies are 36% and 44%. Two stages of compression
were selected because this results in less machinery than a machine with
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more stages and because the displacer dimensions are reasonable, even
though the volumetric efficiency 1s lower than for a three stage
machine.

The next question which must be resolved is the number of cylinders
to use for each stage and the overall arrangement of these cylinders and
their drive assemblies. In this decision, the following items must be
taken into consideration:

a. The desire to minimize thermal losses.

b. The requirement to mount displacers in pairs on a common
center line to achieve dynamic balance of the machine.

The desire to minimize the length of the compressor
assembly for ease of integration of the refrigerator into
the spacecraft.

The desire to minimize the number of components in order
to maximize the reliability of the refrigerator and mini-
mize its size, complexity, and cost.

The desire to have a small displacer diameter in order to
minimize its fabrication problems.

Three compressor configurations were considered. They are:

a. Configuration I, which utilizes one cylinder per stage
(for a total of two cylinders) with a drive assembly for
each displacer. This results in two ccmpressor modules,
each incorporating vme cylinder and one drive.

Configuration II, which utilizes two cylinders per stage
(for a total of four cylinders) with a double-ended drive
assembly for each pair of displacers. This results in
two compressor modules, each incorporating two cylinders
and one drive.

Configuration III, which utilizes two cylinders per stage
(for a total of four cylinders) with a drive assembly for
each displacer. This results in four compressor modules,
each incorporating one cylinder and one drive.

These three configurations are shown schematically in Figure 13.

The three configurations are compared in Table VI. Configuration I
contains the minimum number of components, and results in the shortest
package length. It also permits one heat source, which will simplify
the hot end design if heat is transferred to the hot cylinders by, for
instance, a heat pipe. Additionally, since Configuration I utilizes
the minimum number of cylinders, the heat losses from the hot end will
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be minimized because the parasitic heat losses from a single cylinder
compressing the full flow of gas are less than the parasitic heat losses
from two cylinders each of which compresses half of the full flow. The
displacers in Configuration I are larger than the displacers in Configu-
rations II and III, but they are not excessively large considering pre-
vious experience (see Reference 9). Therefore, since Configuration I is
reasonable in size, and since it results in the simplest, lowest loss
design, this configuration was selected for the compressor. As a result
of this selection, the parametric analysis reduced to determining the
best configuration for compressor cylinders to meet the following spec-
ifications:

First Stage Second Stage
Cylinder Cylinder
Mass Flow Rate, lb/hr 3.66 3.66
Inlet Pressure, psia 29.4 41.6
Discharge Pressure, psia 41.6 58.8

In accordance with previous experience with Vuilleumier cycle
refrigerators, we have used a hot end gas temperature of 1,200°F. For
purposes of design, an 80°F ambient end gas temperature was used.

2. Preliminary Screening Runs

Initially, a number of screening runs on the first stage were per-
formed with the thermal compressor computer program, with the object of
determining which variables are most critical, which variables could be
set early on, and which variables would have to be examined further. A
further object was to generate enough information so that some of the
input variables could be fixed., In these runs the following items were
varied: running speed, the ratio of stroke to piston diameter, regen-
erator length, and hot cylinder length. The regenerator length was the
same as the hot cylinder length in these runs. Initial estimates (based
on hand calculations and experience) were used for the other input var-
iables, and remained fixed during these runs. The insulation heat leak
(normally calculated from the cylinder geometry) was fixed at 30 watts,
a value which can reasonably be achieved in practice.

The initial runs showed that there are two major sources of heat
loss from the hot end, shuttle heat transfer and regenerator ineffec-
tiveness. The way in which these losses vary is shown in Figure 14.
The trends which are apparent from this figure are:

a. The shuttle loss decreases rapidly with increasing speed
and less rapidly with decreasing stroke-to-diameter ratio.

b. The shuttle loss decreases with increasing hot cylinder
length, and is unacceptably high for a 2 inch hot cylinder
length at the lower end of the speed range considered
(300 cpPM).
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c. The regenerator loss increases gradually with increasing
speed, and is unaffected by the stroke-to-diameter ratio.

d. The regenerator loss decreases with increasing regenerator
length.

Based on the foregoing results from the first stage, we concluded:
1) that the least power design would result if the regenerator length
could be varied independent of the hot cylinder length, and 2) that the
hot cylinder length should be as long as possible. As a result, the
hot cylinder length was set at 6 inches in all subsequent analysis.

After fixing the hot cylinder length, we made further runs in which
the speed and the stroke-to-diameter ratio were varied.

Figure 15 shows the results of one set of these runs. It is a plot
of displacer shaft power, displacer diameter, and total hot end power as
a function of speed for the case where the regenerator length is
2 inches, the hot cylinder length is 6 inches, and the intermediate void
fraction is 0.5. Data are plotted for two values of stroke-to-diameter
ratio. Similar plots for other values of regenerator length and inter-
mediate void fraction show the same trends, so Figure 15 may be con-
sidered as representative. Several trends are apparent from this
figure.

a. The shaft power increases with increasing speed, while the
hot end power decreases with increasing speed. Thus, in
selecting a speed, a balance must be struck between these
two factors.

b. Displacer diameter decreases with increasing speed.

c. Thermal power is not a strong function of the stroke-to-
diameter ratio, but the displacer diameter is smaller at
higher values of the stroke-to-diameter ratio.

From these results, we concluded that the most compact design would
result if the stroke-to-diameter ratio were at the upper end of the
range considered, so this ratio was set at 0.2. Additionally, we con-
cluded that running speeds above 900 CPM would result in unacceptably
high shaft power requirements, so we narrowed the range of speeds to the
range 300 CPM-900 CPM. Having set these parameters, we then proceeded
to examine the effect of regenerator design parameters.

3. Regenerator Analysis

Since the regenerator has a major influence on the displacer shaft
power and the hot end power, we made a number of computer runs in order
that we might select a regenerator design which would result in a
reasonable balance between these two input powers. In these runs, the
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parameters which determine regenerator performance were varied. These
parameters are: speed, intermediate void volume, regenerator matrix
size, and regenerator length. All runs were made with a packed sphere
matrix, since this matrix appears to be preferable to screens. (The
pressure drop and heat transfer characteristics of packed spheres are
essentially the same as for screens, but the void fraction is substan-
tially less--.37 to .39 for spheres compared to .60 for screens.)
Results of a representative series of runs are shown in Figure 16, in
which hot end power and displacer shaft power are plotted against sphere
diameter for different values of regenerator length. The data shown are
for a speed of 600 CPM and an intermediate void fraction of 0.5. It can
be seen that for a given regenerator length, as the sphere diameter
increases, the shaft power decreases while the hot end power increases.
Also, lengthening the regenerator at a fixed matrix size increases the
displacer shaft power and decreases the hot end power. These data
reconfirm a basic characteristic of the thermal compressor--there is a
tradeoff between displacer shaft power and hot end power, with a reduc-
tion in one form of power being accompanied by an increase in the other.

For each value of displacer shaft power, there is a regenerator
packing diameter and a regenerator length which result in a minimum
hot end power. The dotted lines on the lower plot of Figure 16 show
this minimum. These dotted lines are simply lines of constant displacer
shaft power transferred from the upper plot on the figure. Note that
the optimum regenerator matrix (i.e., the one which results in minimum
hot end power) depends upon the value of displacer shaft power chosen.
If one desires a low displacer shaft power, then one must employ a
relatively short regenerator packed with relatively large spheres, and
must accept a relatively high hot end power. On the other hand, if one
is willing to accept a higher displacer shaft power, one can employ a
relatively long regenerator packed with relatively small spheres, and
will achieve a relatively low hot end power. Plots similar to Figure 16
were made for speeds of 300, 600, and 900 CPM at two values of inter-
mediate void fraction, 0.3 and 0.5. From these plots, the minimum hot
end power was determined as a function of displacer drive power. The
results of these determinations are shown on Figure 17, on which hot end
power is plotted against displacer shaft power at several values of
speed. Two sets of curves are shown--one for each of two values of
intermediate void fra:tion. Several things are apparent from Figure 17:
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